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1.0 INTRODUCTION

The report covers the preliminary design of a "Low Volumetric Flow Tur-
bme Design” The turbine concept is based on a reaction design using close
clearance gas bearing type seals to control ) eakage past the rotor blade passages.
The turbime concept 1s an outgrowth of the turbine described in DDC Report
AD831635L., titled ' Low Volumeltric Flow Turbine Performance Prediction and
Analysi1s'', dated March 1968,

A preliminary design analysis of a tur bine unit that is te be used for :est
evaluation of the performance potential of the controlled leakage seals and
aerodynamic passages was conducted and is covered by this report. The pre-
liminary design effort mcluded the following analyses and design:

1 Aero-thermodynamic analysis of the flow passages con-
cerned with the energy transfer from working fluid to rotor,

2. Thermal analysis of rotor, housings. and seals in order to
determine temperature levels and gradients.

3. Dyruamic analysis of seals, rotors, and blades in order to
deter mine stability of rotor system.

4. Mechanical design of rotor. bedrings, seals, and system
to insure proper siress loading of components,

A prehminary layout drawing of the turbine unit was completed and
included in this report

Following approval of the preliminary design by the government Project
Engineer. the final design will proceed.

2.0 DESCRIPTION

The turbine concept covered by this report is a4 special design that was
concewed by persouncl at the U.S. Army Engmeers Reactor Group., Research
and Technology Department. Fort Belvoir, Virgimia. The purpose of the concept
15 to mprove the performance of turbines that operate in the low volumetric
flow regime A significant lactor that must be considered in turbine efficiency
1s the teakage or bypass How that does not pass through the rotor plades and
theretore cannot contribute to uselul output power. When low volumetric
tlow muachmes are considered, the conventional approach is to design impulse
machines which reduce the bypass leakage because there is essentially no
pressue e drop across the rotor,  Impulse machines. however, have consider-
abic Kinetre energy losses as the fhuid enters the rotor because the relative
velocr e s are gh, Also. where fow volumetrice flow i1s considered, then
the desgn may tequire partial adnssion to the rotor or a low blade herght,
cither of which results in lowering the etfiereney. U highly efficient sealing
techmques were emiploved m the low volumetric flow turbine to control
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bypass flow then reactioi could be designed into the rotor which results in iow
rotor 1relative approach velocities and high rotor efliciency which helps to
maintain high overall turbine performance. Another area where the cont:olled
leakage seals contribute to improved performance 1s m reducing the rotor
windage losscs. When considering low volumetric flow niachines, the rotor
windage beeomes a significant percentage of the output power as compared to
large volume flow machines which have a corresponding increase in power out-
put. I the highly efficient seals are utilized to prevent bypass flow around

the blade passages. then these same seals control the leakage of working fluid
into the clearanee areas on the sides of the rotor. If these clearance areas
around the rotor are then evacuated or maintained at lowar pressur: levels
than normal stage exhaust, then the windage losses of that stage can be
reduced significantly.

The turbine concept is shown schematically in Figure 2. 0.1 and can be
deserbed further as follows: The working fluid, which is specified as steam
for the turbine design under consideration, enters tne turbine unit and passes
into the nozzle inlet plenunmi The steam then passes through the nozzles
ol stators in the housing where it is accelerated and discharged with a tangen-
tnl whirl component equal to the rotor tangential velocity at design point
speed  The steam then as it enters the rotor, has only a small axial com-
ponent relative toth »votor  The steam in the rotor is then expanded further
as it passes fron: the discharge nozzles or channcels in the rotor and this
tesuibing oo entam change produces rotor torque and work.,  This process of
energy transter rom the steam to the rotor is typical of an axial flow turbine
utilizing roaction in the rotor blading and an axial relative inlet to the rotor
results i the commonly referred to 50 percent reaction stage'.

The high efficiency seuls are required on the 1nlet side of the rotor to
prevent excesasive leakage of the steam from hypassing the rotor nozzles
These seals are shown in Figure 2. 0.1 on either side of the stator nozzles and
control the steam leakage from the rotor nozzle annulus.

With reaction turbines. since there is a large difference i pressure
level across the rotor nozzles, seals are eommonly used below the rotor
nozzles so that the pressure level on either side of the rotor disk can be
controlled to provide thrust balance  Tais. of course, is dependent upon
rotor s1z.e and thrust bearing load capability and consideration of additional
thrust Toads from external sources or additional stages  For the design
under consideration. the pressure unbalance across tae rotor is approximate-
Iv 40 psiand the rotor disk area is nearly 400 in2 which would produce a
thrust toad oi 16,000 pounds. The seal on the exit cide of the rotor is there-
fore Joeatod at o diameter that will provide o balanee of the pressure loading
force- and clinnnate exceesscive thrus loads Trem the bearings. The area-
bolow these seats on either side ol the rotor Lelow the blading are vented
Lo oo v pressure condenser operating at 2 psia. Tais low side cavity
pressure Clininates g ostenificant portion of the rotor windage loss,

Fhe rortor s supported by the output shalt which in turn is supported
by woier Tubrcatad tniting pad joarnal and tilting pad thrust bearings.
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SCHEMATIC OF TURBINE CONCEPT
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The tilting pad bearings are utilized for their self-aligning and stability char-
acteristics which are essential when using low viscosity lubricants such as
water. The water used for lubricating the journal and thrust bearings is
returned to the steani generator. The journal hearings are operated under an
induced preload which is applied by a piston which applies force to the pivot
point of one pad of each bearing set. This preload maintains the rotor shaft
position in the desired location and eliminates the possibility of the shaft mov-
ing around in a large bearing clearance. The preload is reduced to a low value
at startup and shutdown which prevents damage to the bearing surfaces when
the load capacity is low due to the low operating speed. The rotor thiust that
was previously mentioned is adjustzd to provide some load on the thrust bear-
ing so that the shaft does not float across the thrust bearing clearance.

The seals located on either side of the rotor irlet annulus are the most
critical components of this turpine concept and their performance has a very
significant effect on turbine performance. In order for this turbine concept to
achieve an improvement over conventional turbines in the low volumetric flow
regime, these two seals must control the leakage of flow that would bypass
the rotor blades to a small percentage of the total flow. If the percent hypass
flow is controlled to 2 - 4 percent of the total flow, this turbine concept will
provide an improvement over conventional machines in the low volume flow
regime. This low volume flow regime can be more accurately defined by con-
sidering the dimensionless parameter, specific speed, which considers volume
flow rate, rotative speed and energy available per unit mass of fluid passing
through the machine. Low specific sseed machines denote low volumetric
flow per any given physical machine size. Low specific speed with reference
to turbine efficiency indicates values less than approximately 40 when specific
speed (Ns) is defined as shown on Figure 2.0.2. It can he seen in this figure
that conventional turbine designs experience a decrease in turbine perform-
ance as the Ng value becomes lower than 40. Also shown in Figure
2:0.1 is the predicted performance of the subject turbine concept using highly
efficient controlled leakage seals. This curve shows the area of turbine
performance improvement that is felt to exist. The subject, "Low Volumet-
ric Flow Turbine", is being designed for a Ng value of approximateiy 17.

The performance improvement previously discussed is dependent upon
the adequacy of the controlled leakage seals and therefore, a special design
approach has been used for these seals. Conventional labyrinth seals have
approximately 5 tv 10 times higher leakage rates than practical for this tur-
bine concept, so therefore some design concept that provides a much closer
sealing gap must be considered. The hasic design approach for the seals
consists of a gas bearing concept which provides for a very small gap across
the sealing surface. Gas bearings can operate with film thickness values cf
0.0005 to 0.001 inches which will then be the gas leakage passage width.
This gas bearing-seal unit will follow the axial motions of the runner (side
of the rotor disc) in order to maintain this close clearance. Fixed seals
would not be practical due to the relative motion between the housings and
rotor caused by pressure and temperature effects.
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This section has presented a brief discussion of the turbine design in
order to familiarize the reader with the design effort. Detailed discussion of

the design of each component is included in the '"Discussion' and '"Design"
section of the report.




3.0 DISCUSSION

The following section discusses the design concept of the LVF tur-
bine and the necessary investigations and trade-offs involved in establish-
ing the preliminary design. The turbine concept is based on a reaction

b ] design and depends on fluid film, positive stiffness face seals to control
the leakage into the rotor cavity. The turbine design requires special
b considerations in the following areas:

1 1. Aero-thermodynamic analysis of the flow passages concerned
with energy transfer from working fluid to rotor.

s 2. Thermal analysis of rotor housing and seals required to
determine temperature levels and gradients.

3. Dynamic analysis of rotor, disk, and blades required to
i define the dynamic characteristics over the intended
operating speed.

r 4. Mechanical design of the rotor, bearings, seals and system
to establish proper loading and functional compatibility of
components.

Included is the discussion of the selection, analysis, and preiiminary
design of the controlled-leakage seals and hearings submitted by Franklin
Institute Research Laboratories (FIRL) in accordance with their sub-
contract.

b U
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3.1 AERO-THERMODYNAMIC ANALYSIS

The aerodynamic portion of the design analysis was completed
and is reported herein. The nozzle and rotor design geometry
specified should provide excellent operating potential for the LVF
turbine concept. The perfcrmance prediction completed and reported
in Section 8 indicates that this design should yield performance exceed-
ing that of a conventional turbine operating under similar design
conditions. The following section will describe the design analysis
used to define the aerodynamic performance of the turbine, including
efficiency relationships and loss coefficients derived for the LVF turbine
design.

3.1.1 Aerodynamic System Description

The L V F turbine concept is in operation somewhat similar to a
conventional axial flow reaction turbine, in that a portion of the total
energy available to the turbine is expended in the turbine nozzies and the
remainder is taken in the turbine rotor. The degree of expansion taken
in the turbine nozzies of a conventional turbine is optimized as a function
of design operating conditions. For design conditions similar to the
LVF turbine, operating at a low specific speed, the optimum degree of
reaction is usually low, approaching impulse operation. The primary
reason is that at low specific speeds the output power is low compared
to the available energy, and low turbine flow rates are required. The
leakage flow, however, is essentially fixed, dependent on design
pressures, and the leakage flow becomes a larger percentage of total
turbine flow thereby reducing the overall turbine efficiency. The use of
impulse blading results in increased losses through the turbine stage,
since typical rotor cascades for impulse turbines have blade efficiencies
on the order of from 0.75 to 0.80. This is due to the large turning
angles inherent with impulse blades and high viscous losses due to the
high gas velocities entering the turbine rotor. The rotor blading effi-
ciency for the LVF turbine, however, approaches that of efficient
nozzles, and a design rotor velocity coefficient of 0.96 was used in the
design analysis. Consequently, the efficiency potential of the LVF
turbine is significantly greater than a standard impulse turbine. The
leakage problem was approached by using limited leakage, hydrostatic
gas seals which form an important component of the LVF turbine con-
cept, and is examined in detail in the following sections.

3.1.2 Performance Evaluation

The predicted turbine performance for the LVF turbine was
evaluated using methods and equations specified in the following sec-
tions. Appropriate equations were derived to yield efficiency relation-
ships and loss factors such as seal leakage, seal friction, and disk
friction associated with the LVF turbine.
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3 1=2. 1 Preliminary Evaluation of Seal Losses

Approximating expressions were used to estimate seal leak-
age and friction to provide a basis for evaluating the effect of seal clear-
ance and seal height on turbine performance. The final performance
evaluation reported in Section 8.0 was based on more exact values of
leakage flow and seal friction specifically evaluated for the final seal
design. The conceptual seal configuration analyzed in the following sec-
ticn is shown in Figure 3.1.1. Tte configuration has two seals on the inlet
side of the turbine rotor and one on the exhaust side on a lower radius.
Nomenclature, specifying pressures and seal radii in the figure, was
used in the following design analysis and is reported here for reference.

The seal leakage flow was evaluated using preliminary
equations obtained from the Franklin Institute Research Laboratories
(FIRL) and are equivalent to the equations derived in Reference 5.0.1. The
leakage flow for Seal 1 was evaluvated by:

- TSP (R RA) - Q =
Q, = ERT A (50 6) +1bs/sec or §l' & (3.1-1)

The leakage flow for Seals 2 and 3 was evaluated using the above equation
with appropriate pressures and radii. Leakage flow from Seals 1 and 2
located at the turbine inlet affect the performance of the L VF turbine
since leakage flow through these seals is not available to the turbine rotor.
Leakage through Seal 3 occurs after the flow has passed through the tur-
bire rotor and was not included in the performance analysis.

The preliminary expression used to evaluate the seal friction
horsepower loss for Seal 1 was:

HR, = 2.6ix10"° agn? (n'-r;*), horsepower (3.1-2)

Ss

: % 2 y* 1r
where: 2.61x107% [( 2 7]

As may be noted, the effect of running very close seal clear-
ances is to minimize seal leakage at the expense of the frictional horse-
power loss. Consequentlv, for a given seal height, or sealing radii,
there exists an optimum seal clearance from the standpoint of turbine
performance. The optimum operating seal clearance was subsequently
evaluated as a function of seal height as shown in Figure 3.1.2. Strictly
on the basis of performance, it is advantageous to use the smallest seal
height possible and run with very close clearances. Since small seal
heights typically lead to poor seal performance, the actual seal design
chosen was the result of a compromise between turbine efficiencv and a
static and dvnamic evaluation of seal response characteristics. Figure
53.1.2 canbeusedto determine anv penalty incurred in performance by
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choosing a particular seal design with a non-optimum seal height, chosen
to meet stability criteria.

A significant pressure load exists on the inlet side of the tur-
bine rotor due to the rotor inlet pressure between the two front seals,
condenser pressure below the lower seal and the thrust load due to pres-
sure existing under each sealing pad. A balancing force exists due to the
pressure load on the exit side of the turbine wheel, but since there exists
a pressure differential across the turbine rotor, the forces exerted on the
exit side of the turbine rotor do not precisely balance the forces exerted
on the turbine inlet area. The following procedure was used to evaluate the
force balance across the turbine rotor.

The total thrust load under the sealing pads was initially
estimated by assuming that the average pressure under the seal is the
mean pressure between each side of the sealing surfaces. The actual
average pressure under the sealing pad was evaluated for the design seal
by FIRL and is included in the design analysis covered in Secticn 6.5.
Using average pressures, the total axial force exerted on the inlet side of
the turbine rotor was evaluated for the preliminary design analysis and is
given by the following expression:

Fo= w2 B3R +(6%2%) B+ (5% (B2Rer) ], 1bs (3.1-3)

The forces tending to balance the above thrust load are depen-
dent on the seal radius of the rear seal, since lowering this sealing
radii increases the area on the exit side of the turbine wheel experiencing
50 psi exhaust pressure, thereby increasing the balancing force. In this
analysis the thrust balance was adjusted to yield a net positive thrust on
the turbine inlet which will be taken up in the thrust bearing used in the
design. The total balancing force is then:

F, = n*[(n,z-r")@ *(Qz_rsz)(Pe*TPw‘) + T?Lj lbs (3.1-4)

where Ty, is the total thrust bearing load. The selection of tiie value
Ty, is explained in some detail in Section 6.5. With specified values for
the sealing radii used on the inlet side of the turbine, design pressures
established, and the thrust bearing load fixed, the sealing radii on the
rear of the turbine necessary to balance the thrust load may be deter-
mined by equating the above ¢xpressions for axial force, and solving the
resulting equation for rg. The lower seal radius is then determined by
the seal height.
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The relative position of the three sealing surfaces used to
determine the thrust balance has an effect on turbine performance, For
example, if the seal spacing on the front of the turbine rotor (rg - ro)
were increased, the pres:ure load existing on the inlet side of the tur-
bine rotor would also increase. Pressure balance then requires the
rear sc¢al be lowered, exposing a larger portion of the wheel disk to
exhaust pressure rather than condenser pressure. The greater gas
density at exhaust pressure tends to increase the frictional loss of the
rotating wheel disk, resulting in a net decrease in turbine perforiiance.
The overall effect on turbine performance of varying inlet seal spacing
in shown in Figure 3.1.3 and the total disk friction loss shown in the
curve is derived in the following section.

3.1.2.2 Wheel Disk Friction

A wheel friciional loss is incurred whenever a disk is ro-
tated in a viscour meaium. This loss typically varies directly with
gas density surrounding the rotor, disk diameter squared, and turbine
tip speed cubed. Since the tip speed is also a function of the turbine
diameter, the frictional loss is then proportional to diameter to the
fifth power. Turbine speed was established by the design specifications
and the turbine diameter was chosen to provide optimum performance.
With these values specified, the turbine disk friction for the LVF tur-
bine was minimized by venting the turbine disk below the two lower
seals cn the inlet and exi! sides of the turbine wheel to condenser
pressure, thereby reducing the gas density next to the wheel.

The total frictional loss for the LVF turbine was evaluated
by summing losses determined for four specific sections of the wheel
disk. These are: (1) the inlet side of the tdibine rotor; (2) exi! side
of turbine rotor below seal, (3) exit side ~f turbine rotor above rear
seal; and, (4) top of turbine disk shroud.

The frictional loss evaluated for Section 1 was based on
experimental data obtained by a number of investigators. For example,
the work conducted by J. W. Daily and R. E. Nrce (Reference 3.2.7)
provided disk friction loss coefficients used in the following relation-
ship. The disk friction loss for Section 1, expressed as a fraction of
the available energy, is given by:

0, - {0 0.1-9

For Section 2, the friction loss was expressed as a percent-
age of the loss obtained for Section 1, by:

- \5 (3 1-6)
éorz ) F)orl ‘Fﬁl)
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The frictional loss associated with Section 3 was obtained
hy evaluating the loss for one side ¢f an entire disk of radius ry, and
subtracting the loss obtained for a disk of radius rg at the same gas
density. For the radius ry, the total disk friction loss is:

= L[ Kw Pa(zn)(uy)"
gDF-Y‘., 2(/4/7‘7 WHQJ )
where Uy = turbine tip speed evaluated at radius ry. For the radius
re, and again using Equation 3. 1-5, the disk {riction loss is given by:

£ o4 <Kw Pz (20:)° (Ua)®
DFe ™ 2 \V999 7 Hod

For a given rotational speed, ‘i.e turbine tip speed is seen to
be proportional to the radius, or:
Uy _ vy

Uu & \Q,

After manipulation, the frictional loss for Section 3 may be
egxpressed as:

b 2k U (R) (3.1-7)
YDF 3 1999 W Had 14° 1

The loss factor associated with Section 4 was evaluated using
friction factors and loss coefficients presented in Reference 3.1.1. A
dimensionless friction factor was obtained in this report {or typical disk
Reynolds numbers and operating tip clearances for the LVF turbine.
"“he coefficient obtained was 0.002. Using this facior, the irictional
moment (M) of a disk of thickness (B) is given by:

M= 0025 )(5) B O oo (3.1-8)

This frictional moment may be expressed as a frictional power
loss, or:

M

M) SR

i

The total frictional loss obtained for Section 4, as a percentage of
available energy, is therefore:

L 002TRP B DUS -
§or»'., = ‘/3 Wi (3 1-9)
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The seal friction and disk friction losses obtained above are
directly subtractive from turbine efficiency, and these factors along with
seal leakage consistitute the primary geometrical loss factors associated
with the LVF turhine design. Aerodvnamic loss factors such as nozzle
and rotor velocity coefficients are discussed in the following sections.

3.1.2.3 Turbine Efficiency

Relationships were derived defining turbine efficiency for the
proposed LVF turbine design by examining the energy transfer hetween
the working gas stream and the turbine rotor. In the proposed turbine
concept, the gas stream enters the rotor axiallv with no relative tangen-
tial component of inlet velocity. Hence, the gas stream is accelerated
through the stator section until the tangential component of the gas velo-
citv matches wheel speed, eliminating the whirl component of wheel
velocity relative to the rotor. The remainder of the expansion energy is
taken across the rotor blades and the resulting change in gas angular
momentum imparts torque to the turbine rotor. Turbine efficiency was
predicted in terms of blade angles, velocity coefficients and relative
velocity vectors in this section, using the following velocity diagrams.

Velocity vectors at rotor inlet
w| :c.
(]

“
The following relationships are applicakle for the condition of axial inlet
relative velocity. The absolute velocity at the rotor inlet, corrected
for the stator velocity coefficient, is:

C, = ¥ f:zj T (H.-H) ', ft/sec (3. 1-10)
The relative rotor inlet velecity is then:

W, = C, Sin oc, ft/sec (3.1-11)
This component of velocity adds to the total energy available to the tur-
bine rotor, and after modification was included in the expression used

to obtain the rotor exit relative velocitv, as follows:

Velocity vectors at rotor exit:

174
G i
W
_____ -
oo Wuz

Energv transfer from the working gas stream to the turbine rotor is
evaluated by means of the change of angular momentum relative to the
rotor. The change in argular momentum is given by the change

ir the tangential component of relative velocitv (Wuz) and the
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method shown in Reference 3.2.71sused to evaliate the magnitude of the
relative gas velocity leaving the rotor, or.

W = JIwWS+ D (29 T)(Ho- ) ft/sec (3.1-12)

where {7, , the recovery factor, is approximately equal to the square of
the rotor velocity coefficient (% ). Reference 3.2.7 indicates that a
conservative value of Qz is f?. 2 and uvsing these relationships, Equation
3.1-12 becomes:

W, = ‘«V,ex,/%‘w,‘ t 29 T(H-HY . 1t/sec (3.1-13)

At the design point, the relative inlet velocity has no tangen-
tial componert, and the total change in angular momentum is given by the
tangential component of W2‘ The ideal cnergy transfer to the rotor 1s
then of the form.

£, o l;;;i [, Cos 3, Y . ft-1b/se: (3.1-14)
v

where w is the total turbine flow. To obtain the actual energy transter,
the flow rate must he corrected due to leakage through the two seals
located on the front of the turbine rotor. Also, the above is the total
7as enevgy transferred to the rotor, and frictional losses in the turbine
such as seal friction and disk friction must he subtracted from Ej to
obtain the true shaft output power.

If the overall available energy is given as:

R
E, = ‘:ZL?CE = W T (Ho- Hf) . ft-1b/sec (3.1-15)
then the turbine hydraulic efficiencv mav bhe expressed as:

Eo - 2 U / .
BB < % (WaCos ) El
Loss factors examined above, including seal friction, seul leakage, and
disk friction, were expressed as a fraction of available energy. As

such. thev mav be used directly to modify the turbine hydraulic efficiency
into an actual turbhine efficiencv as follows:

Boe Q0050 - (5or #5,0) (3.1-17)

Turbine efficiency as it is defined above is based on the
total enthalpv at the turbine noszle inlet and the enthalpv under static
conditions at the rotor exhaust. No correction was made for the Kinetic
energy in the exhaust gas, and the total 1o static efficiency evaluated
dbove 18 usod in the remainder of this report to define the perform-
ance of the LVE turtane.
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A similar analysis was performed for t°.rbine operation under
off design operating conditions. The following inlet vector diagram is
ivpical of the turbine operating at less than design speed.

’ [y c,
] "
L

W, u
Under this operating condition, the tangential component of absolute inlet
velocity is greater than the turbine tip speed. resulting in a whirl com-

ponent of rotor inlet relative velocity, Wu , defined by:
1

Wy, = Ciltosx)-U ft /sec (3.1-18)

If the off design condition were reversed, such that the tip
speed were greater than the tangential coriponent of absolute velocity,
the above equaticn is still valid. W, would then be negative, and since

the positive direction of W,‘11 is in the direction of wheel rotation, the

indicated direction would be opposite to wheel rotation. In either case,
the magnitude of the relative inlet gas velocity, Wy, is given by:

Wi = [ (W) + (Cosmm)® % | it/sec (3.1-19)

furthermore, under these conditions, the rotor inlet relative velocity no
longer enters the turkine axially, but enters at the angle, /&, shown in
the above sketch.

Since the rotor blades were designed for axial entry, with a
90° blade entrance angle, the gas stream enters the turbine rotor with a
certain amount of incidence. The incidence angle in degrees is given by
(90-R5), and Figure 7.1.4in Section 7.0 was used to obtain the incidence
loss coefficient, [/; . This coefficient was used to modify the axial inlet
velocity in evaluating the rotor exit relative velocity, cr:

We= Yo 7 %T(WD + 29 T (KK ft/sec (3.1-20)

The total change in angular» momentum used to evaluate the
hydraulic efficiency is given by the change in whirl velocity. Assuming
that an is positive in a direction opposite to wheel rotation, and

taking due regard for the sign of the tanzential velocities,
le = ’E% ( W, t COS B2 Wy ) (3.1-21)

Loss coefficients used in Equation 3. 1-17 to obtain turbine
etficiency 77, . were evaluated in the saume manner as reported in the
design point analysis.
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3.1.3 Pertormance Optimization

Using the relationships reported in the preceding section. the per-
formance of the LVF turbine was analvzed and optimized. Parameters
optimized were rotor and stator blade angles. and turbine velocity ratio.

The optimum turbine diameter and nozzle angle was established hy
examining the variation of turbine efficiency with design velocity ratio
(U/C, for various turbine nozzle angles, as shown in Figure 3.1.4. Varia-
tion of design velocitv ratio has the effect of changing the degree of turbine
reaction. defined as:

CH-H
/% Hy - Hz.’

This quantity varies with tip speed. since the LV F turbine operates with
axial relative inlet velocity at the design point and the portion of total head
drop taken in the stator section must be modified so that the tangential
component of 1ntet velocity matches the wheel speed. A similar effect is
noted Ly varvine turbine nozzle angle and the degree of turbine reaction
1s shown for various design velocity ratios. and nozzle angles, in the
followine table.

DEGREE OF TURBINE REACTION

L Design Velocity Ratio
.5 7 .6 )
Nozzle 10 .12 .66 .60 499
Angle, 12 .72 .66 - 38 .52
Degrees 15 .11 .65 .98 =o'l
20 | .69 | .63 | .56 | .48

From Figure 3.1.4 the effect of changing the nozzle exit angle has
a4 minimal effect on LV F turbire efficiencv and this parameter was not
considered critical in terms of turbine performance. The nozzle exit
angle (10Y) specified for this design was based on flow considerations
between the stator and rotor sections, explained in detail in Section 6. 0.
The optimum design velocitv ratio as shown in this figure was about 0.62.
The design velocity ratio chosen {or the L 'V F turbine design. however.
was 0,60 resulting in a turbine diameter of 24" and a tip speed of 1. 250
tps. This velocity ratio 1s shightlv less than the absolute optimuni;, how-
ever  since verv little chanee in turbine performance was observed, the
lower velocity ratio was chosen which results in a slightly smaller turbine
dianmeter.




EFFICIENCY, %+

TURBINE

VARIATION OF MAXIMUM
TURBINE EFFICIENCY WITH VELOCITY
RATIO AND NOZZLE ANGLE

B, =90°

B =

15°

Y =¥ = 0.96

Sg =000 IN

B

20

NOZZLE
ANGLE

80

79

/—\I""oq -12°

20° |

78

T

Té

75

/-

74

A3

I72

.70

.50 .55 .00

CESIGN VELOCITY  RATIC, Y

K23

FIGURE 3.1.4




v

~—

o il B, A -—ru— — N - ] ] * - G . i - s

L4

21

As shown in Figure 3.1.5 the rotor exit tlade angle is much more
critical in terms of turbine performance than is the nozzle angle. As
should be expected, the turbine efficiency increases with decreasing
nozzle angle for a fixed blading efficiency. The design blade angle (12°)
was chosen on the basis of turbine periormance and manufacturing consid-
erations. From a performance standpoint, it is advantageous to use the
smallest biade angle practical, and to facilitate a rotor blade channel
integral with the turbine disk, 2 minimum blade angle of 12° was chosen.
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3.2 HEAT TRANSFER ANALYSIS

This discussion will include those means used to evaluate a
temperature gradient throughout the turbine. This section will define
the approaches used in obtaining local heat transfer coefficients in
the various areas, the means of evaluating the disk friction (which is
a heat added to the system), evaluation of the circulation flow around
the disk, and finally, an evaluation of the means of calculating the
temperature throughout the system. Several approaches were analvzed
in an attempt to obtain the most applicable for this particular configura-
tion. These approaches will be discussed in detail in the following
sections.

3.2.1 Main Body of Disk

A cross section of the overall turbine configuration is shown
in Figure 3.2.1. In evaluating the local temperature distribution
throughout this system; it is important to obtain values of all areas
of heat input and heat rejection to the system. The heat transfer
coefficients are also very important in that they provide the means for
the heat flow. This is a particularly difficult heat transfer problem,
since a number of complex functions are occurring which add or sub-
tract heat from the system. The initial heat source of the system is
the high temperature (4309F) steam of the turbine inlet. Although the
~xhaust temperature is considerably lower (3300F), it is desirable to
maintain the turbine wheel and most of the housing at an even lower
temperature than this exhaust gas temperature to prevent thermal
distortion. Considerable heat is also added to the system through the
friction occurring at the seal faces and through disk friction around
the disk. The magnitude of these heat additions is approximately 9 HP
in the seal area and 1.3 HP due to disk friction on the low (2 psia)
pressure area. Because of the centrifugal compressor action of the
disk, there is considerable mixing of the flow between the disk root
and the disk tip, hence, this mixing action must also be considered
when evaluating the gas temperature adjacent to the disk.

3.2.1.1 Local Heat Transfer Coefficient

The local heat transfer coefficient along the disk surface
is difficult to evaluate on a theoretical basis because of the large
turbulence in mixing which occurs. However, several reports have
data relating to these conditions. These include References 3.2.1
through 3.2.5. Calculations of the heat transfer coefficient for the
disk were made using correlations presented in these references.
Although none of these references represented exactly the conditions
of the LV F turbine, they provided x basis for comparison and
analvsis to obtain heat transfer coel. cients for the LV F turbine
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The basic considerations applicable to the LVF turbine are
those associated with heat transfer. due to disk {riction of the wheel
and n.ass transfer into the gas surrounding *he disk, due to the leakage
flow from the seals at the periphery of the disk. Reference 3.2.1 pre-
sents data showing the heat transfer to a rotating disk including the
eftects of mass transfer. However, the dimensionless leakage flow
rate parameters which are presented in Reference 3.2.1 are two orders
of n.agnitude larger than those of the LVF turbine. Consequently, in
obtaining the heat transier coefficient from this reference, an extra-
polation of the data was necessary. Using these data of Reference
3.2.1. the total disk heat transfer coeificient was obtained as 28 BTU/
hr - 112 - OF on the nozzle side of the disk ard 57 BTU/hr - ft2 - OF
on the exhaust side of the disk. The change of a factor of twe in heat
transfer coefficient results from the leakage rate being considerably
different on each side. This variation due to leakage flow rate, of
course, is not applicable to the actual case since the leakage flow rate
is so small as to approach a situation of no leakage flow as far as heat
transfer coelficient is concerned. Therefore, these heat transfer values
can only be used as a guide and the correlation of this reference is
judged not applicable to the LVFT situation.

The second reference, Reference 3.2.2 '""Mass Transfer,
Flow, and Heat Transfer by a Retating Disk', has a very general
correlation for the calculation of disk {riction. This equation yields
a heat transfer coefficient for the disk of 3.6 BRTU/hr - ft2 - OF. This
velue is felt to be the other extreme from that of Reference 3.2.1 and

is quite low for forced convection considering the velocities of the
disk.

Reference 3.2.3 "Analysis of Turbulent Flow and Heat
Transfer on a Flat Plate at High Mach Numbers with Variable Fluid
Properties' was then used to calcuiate the average disk friction of
the wheel. This more general paper based on flat plate tests rather
than rotating disks could be considered to be conservative in that the
high turbulence to centrifugal mixing effects in the case of the rotating
disk would not be considered; however, the heat transfer coefficients
were felt to be reasonable and should be conservative for use in the
LVFT configuration. Based on the correlation of Reference 3.2.3, an
average heat transfer coefficient for the wheel was found to be 6.33
BTU hr - {t2 - OF

When considering the three analytical approaches, it was
judged that the approach of Reference 3.2.3 would be most applicable
to the LVFT configuration, amd would result in slightly lower than
actual heat transfer coetficients and. hence. would be a conservative
approach to use when calculating the temperatures throughout the
turbine disk and the nearby housing. Consequently. this correlation
was used for the analysis.
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3.2.1.2 Disk Friction

A large number of references (References 3.2.6 through
3.2.13) concerning disk friction are available. These references
include both theoretical and experimental data. A summary of data
presented in many of these references is shown in Figure 3.2.2. It
may be noted that there is a large variation in disk friction between
the various authors. However, the majority of the data is similar and
it includes six references, Reference 3.2.6 through 3.2.11. The other
references which do not agree well are those of Buckingham and Stodola,
which do not vary as a function of Reynold's number. These older
references are preobably valid for the conditions at which the data were
taken, however, not applicable to a large rangz of Reynold's numbers.
The recent data of Daly and Nece (Reference 3.2.7) and Mann and
Marston (Reference 3.2.6) are felt to be the most accurate and were
used in determining the disk friction coefficients.

The disk friction of a freely rotating disk is considerably
higher than that of a shrouded disk. The reason for this difference
is that a freely rotating disk will induce circulation of a large amount
of gas therehv resulting in a large amount of work >n the gas 'vhile a
disk that is closely shrouded increases the friction between the gas
and the disk, however, decreases the mass fiow circulated and,
hence, the disk friction is decreased. A decrease ia disk friction as
much as a factor of four is reported in References 3.2.12 and 3.2.7.
As compared to an unshrouded disk, the shrouded disk can be expected
to result in from one-third to one-fourth the disk friction of the un-
shrouded disk. The disk friction coefficients showrn in Figure 3.2.2
have been modified; when the 2ffect of shrouding was not shown it was
assumed that the disk friction was decreased by one-third over that
of the unshrouded disk. It may also be noted that Figure 3.2.2
includes the friction on both sides of the disk.

3.2.1.3 Circulation Flow

In evaluating the temperature gradient and heat transfer
distribution of the L VF turbine, it is important to aetermine the
amount of heat which is carried up the disk and down the shroud wall
due to the pumping action of the disk. This pumping action, in effect,
provides violent mixing and temperature equalization of the disk
fluid. Several references are available concerning this recircula-
tion flow. The references considered were References 3.2.2 and
3.2.5. However, these references proved to be of little value,
since in the first reference flow was injected and in the second
reference the amount of circulating flow was dependent upon the
amount of naphthalene evaporated from the disk during the experi-
nmental test. Since these conditions are not consistent with the
LVFT conditions, the information was not used for this applica-
tion.




nﬂﬂlﬂu 73 CHIANWNN SATONAZA MS1Q
<Ol g O! »O!

RS 117 i

.“,

, O

L'2'e u_umd

\

Ak

{QC

0o

wv1ivd

23S/ ¥ 272

mt\q: ALISN3IQ SWH
D35 /3 Q334dS didl

33 WiIQ ANI|and

0DV o

U
g (0,7 £ M= d3mod

(QIASATINWI S3TIS OML)
NOIIiJIdd ASIA 40 NOS |AVYAWOD

oA s

AR

t.

~
-

I"A-~~ 443C




TEREE—

L

28

Unpublished experimental data ottained by the authors
showed that the average velocity vector across a rotating disk was
inclined at approximatelv 159 from the tangential velocitv. In other
words. 4 radial vector of approximatelv sin 15° times the tangential
vector 1S representative cf the turbine configuration. Therefore, in
the following heat transfer analysis. it was assumed that this radial
vector described the mixing velocitv in the gas.

3.2.1.4 Means of Cooling

Several means of cooling the disk were considered. These
included rejecting the eniire disk friction heat to the leakage flow
through the peripheral seals. natural convection from the turbine
housing to the surrounding air, and water cooling of the disk shroud.

Most turbines reject the disk friction heat by an open cycle
heat rejection to the exhaust. That is, the relatively low temperature
turbine exhaust gas flows into the disk cavity between the rotating disk
and the shroud and here it is circulated by the pumping action of the
disk and hcated by the disk friction. Then the gas flows into the
turbire exhaust at higher temperatures, carrying off the disk friction
losses. In the LVFT concept, the leakage flow is greatly reduced over
that of the conventional turbine, which circulates a large amount of
flow in and out of the disk cavitv. Hence. the disk friction is added to
a relativelv small amount of vapor and the vapor temperature would
become unacceptably high. In fact, the leakage gas flow will become
excessively hot just due to the seal friction that is partially absorbed
bv this leakaze gus. Therefore, it is concluded that the disk friction
heat could not he reiected to the leakage flow and other means of
rejecting the heat would be required.

An examiunation was made to see if the disk friction heat
could be rejected from the turbine housing by natural convection.
Using the procedures presented in Reference 3.2. 14 for natural
convection, the natural convection heat transfer coefficient was found
to he between 1 and 1.5 BTU/hr - ft2 - OF. Assuming all disk fric-
tion heat must be rejected from the casing, then the temperature
difference to reject the heat is approximacely 630°F. Since this
temperature is far in excess of anv that could be tolerated, the natu-
ral convection approach was rejected. Another problem with natural
convection would be that the turbine position in the associated machi-
nerv would have to be carefullv located so that the natural convection
alr currents would not be prevented. Since this is difficult to assure
in all cases natural convection at hest wouid be an awkward compro-
mise.,
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The two more conventional and easily accommodated means
of cooling the disk were rejected as inadequate. Therefore, it was
felt that the disk must be water cooled in order to reject the disk fric-
tion heat.
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3.2.1.5 Turbine Disk Heat Transfer Anualysis

A thermal analysis of the turbine disk and surrounding area
was made to determine the temperature and the gradients through
these components.  These temperatures were then used in the stress
analysis of the disk., '

A thermial model of The disk and its surroundings was set
up with specified boundary conditions and the heat transfer was com-
puted using a digital computer program described in Section 7.2 5.

The analysis used a 159 segment of the turbine disk which
was divided into 28 temperature nodes.  These femperature nodes are
small elemoents of the system and are represented by a temperature
at the center of the element. The heat transfer throughout the system
is analagous to electrical current flow so thiat the problem can be
solved vsing 2 resistance network  Each temperature node is
connectoed to its adjoining nodes, which affects its temperature by a
conductor  Conductors {or heat transmission by conduction, convee-
fion and thmd tlow conductors were used in this analysis. These
ronductors are detined in Section 6.2 of this report,

The boundary conditions established during the analysis
aroer

1 The cooling witter temperature held constant
ar 130VF,

2 Temperatures of the upper portion of the disk
at the edge and at the disk center held constant
at 330°F and 380°F, respectively, These
temperatures are assumed fixed because of
their closce proximity to the turbine nozzles.

3. The hub area of the disk is maintained at 130°F.

4 The vertical center Jine ol the disk is assumed
to be an adiabatic surface,

5 A one-half section of the disk was analyzed
since it is assumed that the temperatures on
the other side would be a mirror image.

The source ol heat addition o the system is the disk friction
in the annulay spacee between the shroud and the turbine disk. This
volume i vepted to condenser pressure (2 psia) to minimize disk fric-
tion power losses by reducing the densitv of the steam in this space.

ST AVAILABLE COPY
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A recirculation flow patern will be e up by the rotation
ol the disk and the {rictional forces between *he disk and the steam.,
The steam will tlow upwards along the disk and then down along the
shroud,

Disk friction wis added to the tep flmd nodes in this annular
space, Ina fluid node the temperature of the ups'ream node affects
the node downstream ot it as a function of the flow velocity. density.
and cdhistance, In order 1o determine the magnitude of the fluid conduc-
tors, the mass tlow or velocity ot the récirculating steam must be
determined,

Previous experience with steam and gas turbines shows
that a4 circulation pattern of gas on the face of a rotating disk spirals
outwardly from the disk conter with o resultant velocity vector at 150
from the tangential veloeity,  Based on this observation, the radial
veloeity of the recircutation gos wias determined.  The sleam circula-
fon in the annular space between the shroud and the disk was then
determined und the thiid conductors were calculated,  Section 6.2 shows
in more detaal rhis calceulation

Disk friction heat is added to the tluid nodes and is trans-
vorted through the annular space between the disk and the shroud by
the Huid conductors.  This heat is dissipated into the turbine disk and
the shrovd's water jacket by conduction and convection,

Heat is added to the system by the disk {riction until the heat
en'ering equals the heat Teaving into the cooling water. At this point
A the node temperatures will be in equilibrivm,

The heat transter computer program does have the capability
of shoewing the transient temperature response of the system. However,
transient temperatures were not computed in this analysis due to the
extremely long computer time which would be necessary  The long
computer time is necessiary due fo the large difference in the capacitance
of the fluid and solid nodes. In-order to achieve convergence in the
calculations a minimum fime step must be used which is a function of
the nodes™ capacitance,  The smallest value of capacitance will deter-
mine the miinimum time step. To achieve a reasonable compute time,

a high value of capacitance was input for all the variable temperature
nodes which will make the program converge more quickly but will
invalidate transient temperatures.

The hea! transfer coelficients discussed in paragraphs

3.2.1.1, 32,12, and 2.2.1.3 were used in the calculation of the
disk temperatures,
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The steady state temperature distributicn of the disk, shroud
and recirculating steam indicates reasonable temperature gradients
along the disk for adequate mechanical design analysis. No problem is
anticipated in the thermal control of this area. The stress analysis design
section of this report discusses in detail the design of the disk based on
the thermal gradients evaluated here.
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322 9_i_s__l_<_§!3£oud and Seal Area

The outer periphery of the turbine rotor 1s of particular
interest in considering the temperature distribution since this area is
the highest stressed area of the turbine. This area is also the most
complex to analyze since the largest number of external factors are
affecting the disk surface. These external factors inciude: the seal
leakage flow around the disk; the seal friction; the disk friction; the
heat conducted from the live steam :low through the turbine; and the
effect of cooling due to the water flow through the tip shroud. Figure
3 2.1 schematically shows this configuration. Each of the items
mentioned above will be described in detail in the following sections.

Heat is added to this area of the turbine by hot leakage gas,
seal friction, and disk friction. The seal friction and the seal gas
leakage flow rate were calculated from equations obtained from FIRL.

The leakage flow rate is quite important in that it provides a
means of carrying off the seal friction heat in the leakage flow,
thereby preventing excessive heating of the seal. It also is a heat
source which is adding heat to the disk. The analysis shows that the
largest diameter seal would reach excessively high temperatures
without external cocling Therefore, water cooling is provided to
the casing at the disk tip as shown in the sketch of Figure 3.2.1. This
water cools the gas around the disk tip shroud which in turn cools the
seal face area and, hence, controls the seal face temperature to accept-
able limits

*2. 3 _l\_Igz_zle and Blade Area

The heat transfer coefficient is evaluated for the nozzle flow
passages based on conventional forced convection correlations present-
ed in Reference 3. 2. 17.

The blade heat transfer coefficient determination is more
complex as liftie published data are available. This coefficient was
evaluated using an unpublished empirical procedure developed by the
authors. The total temperature of the gas relative to the blade is
lower than the steam inlet temperature due to the energy extracted
to reach the rotational velocity of the disk. This temperature is used
to evaluate the fluid properties of the steam in the ,otor and is the
temperature used for heat transfer analysis
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3.2.4 Turbine Housing

The heat transier analysis used 1o deternine the steady state
temperatures of the turbmne housing companents is similar fo kat used
for the turbine disk. The same computer program was used tor both
analyses

The analysis of the turbine housing also contains solid and tluid
nodes like the turbine disk area. The combination of the solid and
fluid nodes gives the same problem as for the turbine disk in that the
computer time would be too long to calculate the transient temperatures
unless a much faster computer is used. Therefore, false values of
capacitance were input for all the nodes other than the fixed tempera-
ture nodes in order to bring the caleulation to convergence more quickly

Heat is added to the turbine housing area by the high tempera-
ture steam passing through the inlet ducts, the turbine blades and the
exhaust duct The chief mechamsm for this heat addition is convection
from the steam to the passage walls Other sources ot heal addition
are from the fluid f1iction in the seals and disk triction on the turbine
wheel tip.

The outer rim of the turbine wheel has a 5" x 375" passage
which carries cooling water flow at 130°F, maintaining this area at a
constant temperature The other boundary conditions are the tempera-
tures of the imet, leaving, and turbine blade steam which are held
constant at 430°F, 281°F, and 354°F. The main part of the turbine
disk is also held constant at 336°F.

The turbine housing rejects heat by natural convection to the
surrounding air which is fixed at 100°F.

The temperature distribution as catculated by the program for
the turbine housing and surrounding area shows that the only apparent
problem area is the temperature diiference between the components
on the inlet side as compared with the exhaust side From a thermal
stress viewpoint it would be desirable if this axial temperature gradient
could be reduced to zero and the radial temperature gradient on the
inlet and outlet side be approximately the sanme  This can be done by
extending the disk shroud cooting water yacket to the area which must
be cooled. The temperature distibution 1s shown in Section 6. 2.
This area of the thermal control problem will be examined niwo re
thoroughly during the next phase ol this program

The thermal control ot the turbine housing is not ¢onsidered
to be a signiticant problem and reliatively minor design changes
chould be able to provide o 'emperature distribution suitable tor a
reliable mechanical design




3.2.5 Shaft and Bearing Area

The design of the thrust and journal bearings require condenser
water to be used as a cooling medium. This water will be 13COF and
sufficient water will be supplied to maintain the temperature of the
bearings and the adjacent shaft area at the water temperature.

Heat flow from the turbine disk into the disk center and the
shaft is not considered to be a significant problem based on the results
of the disk heat transfer analysis and extended into the disk center and
shaft area. This analysis shows that 6.4 BTU/min flows into the shaft
both in the forward and aft directions from the disk. This additional

heat will require an additional 1. 25% of water to be added to the bearing
cooling system.
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3.3 VIBRATION ANALYSIS

The turbine blade natural frequencies, disk and rotor critical
speeds. critical modes and possible excitation sources were investigated
for their importance and effect on the successful operation of the LVF
turbine The investigation revealed areas where the turbine was unique,
determining where the analvtical effort should be concentrated.

3 3 1 Blade and Ehroud Vibhration

Vibration investigation is important in the successful operation of
all turbines. and is equally important to the LV F turbine. The normal
frequencies considered for steam turbines are, in order of importance,
the furdamental mode, the second ivending mode, and the torsional mode.
When the blades are in packets, the translation and pitching mode of the
packet should he considered. These modes, for the most part, are non-
existent in the LV F turbine concept. They are non-existent because
the blades are short and hecause of the restraint previded by the
continuous shroud, which only allows movement in the axial or tangen-
tial directions. The frequencies possible to excite with significant
amplitude would be a mode in which all the blades would deflect in
unison. The movement of the blades restrained by the shroud is only
possibie in this turbine concept in the axial direction and the tangential
direction called the axial and tangential mode. (Figure 3.3.1) These
modes were analyzed and adjusted so that the resulting frequencies
were not excitable from possible excitation frequencies. The excitation
frequency sourees in the LV F turbine are irom running speed, seal seg-
ments, nozzles and nozzle segments. The damping available is
material damping, aerodvnamic damping, and seal damping. The
seal damping is considered to be insignificant.

3.3.2 Turbine Disk Vibration

The LLVF turbine has close running clearance between the
seal and disk. making the disk critical speeds of primary importance.
With the disk sides heing used as mating surfaces for the scal, any
shape the disk assumes from operating at or near a diametral mcde
(Figure 3.3.2) can cause rubbing or excessive seal movement which
may result in excessive leakage. The diametric modes are caused
bv operating at critical speeds where an integral number of waves fit
exactly into the circumference of the disk. The criteria followed tor
anv disk design given a mean diameter blade type, and shroud
desien, is to establish a disk thickness in excess of that required to
resist centrifugal and thermal stress, which will keep the disk's
critical speed at a sate margin from operating speed and its
harmonics.
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The analysis of the disk vibration is far from exact and the
coupled modes are unpredictable. Therefore. it is considered good
practice in a disk where vibration is critical to the performance of the
disk to leave extra material on the disk that can be removed after
manufacture. The disk is ther tested, the ncdal diameters defined, and
if necessary, material machined awayv, detuning the disk frequencies
from the excitation frequencies.

3.3.3 Rotor Dynamics

The LVF turbine requires a rotor system that will confidently
operate from start to running speed without excessive vibration or
significant axial excursions or radial movement from a co-axial posi-
tion. The turbine requires close running clearances that make these
requirements of importance bevond that of a normal turbine-disk rela-
tion. The minimization of misaligrnment and the 12,000 rpm operating
speed dictated the size of bearings and bearing center distance.
(Figure 3.3.3) These two criteria quite obviously result in a design
concept which uses a stiff shaft which, fortunatelv, is the simplest to
analyze, providing the most confidence in the mode shapes and dynamic
characteristics. The first critical, called the cylindrical mode,
assumes a linear svstem and is a function of rotor mass, bearing and
shaft stiffness, and the flexibhilitv of the supporis. The L VF turbine
rotor system requires the consideration of two additional modes of
vibration; one, the conical mode and two, half-frequency whirl.
(Figure 3.3.4) In addition, the load carrving capacity of the hearing
is a function of both weight and dvnamic unbalance and is established
by the bearing film thickness.
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3.4 STRESS ANALYSIS

The preliminary design of the LV F turbine required substantial
stress apalysis in three primary areas. Thesc areas are- (1) blades
and shroud: (2) the disk; and (3) the casing. The increased importance
of the stress analysis in these areas is due primarily to the use of
controlled-leakage seais requiring exact alignment. This required
alignment must be obtained with as little influence from structural
distortions caused by mechanical or thermal loads as practical.

The remaining areas of the mechanical design followed well-established
design procedures. This section discusses the stress analysis performed
and ~lastic investications made necessary to establish the final prelimi-
nary design.
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3.1.1 Turbine Blades and Shroud

The LV F turbine requires 4 shroud of considerable radial thick-
ness to be attached to the tip of the blades in order to accommodate the
seal ruaning face. (Figure 3.4.1) This requirement is urusual in turbine
design because the radial thickness of the continuous shroud is sufficient-
v thick that the shroud is acting as a ring tha! depends on the blades for
contiouity between the shroud and disk. Normally, in turbine design the
~hiroud, in addition to being thin, is split into segments and cannot develop
significant tangential stress. The shroud is not split in the LV F design
tecanse the seal face would have to run over radial discontinuities. These
discontinuities, if present. would have provided axial leakage paths and
also could cause deterioration of the seal,

The growth of the shroud is caused hy the centrifugal force and
thermogradient. The blades attached to the shroud and disk prevent the
shroud from expanding as if if were a free rotating ring subjected to a
thermogradient. The shroud heing a thin ring and the disk being solid
wuild result in differential growth if it was not prevented by the blades.
The required restraint results in a tensile stress in the blades, addition-
al radial stress in the disk, and local stress in the shroud. To decrease
the prowth of the shroud from centrifugal force, material was removed
where it was not required for strength by adding a groove in the shroud.
The thermal growth of the shroud was reduced by water cooling the housing
thut surrounds the shroud, thereby cooling the shroud and seals. (Figure
3.4.1) Additional bending moments are applied to the shroud from the
scal and from the pressure differential between the inlet and exit side of
the disk. These bending moments made it necessary to perform an
clastic composite analysis of the shroud and hlade.

The geometric shape of the shroud is designed to prevent bending
moments from being applied to the blades and to minimize twisting of the
shroud caused by centrifugal force and thermogradients. The shroud is
designed with its center of gravity coinciding with the center of gravity
of the blades and disk. The shroud has heat added on the inlet side from
the seal and therefore has a significant local temperature increase of the
surface and anincrease in average temperature of the seal face side of
the shroud. 1In order to cool the hot side of the shroud, minimizing the
thermogradient. the inlet side of the shroud will have fins added. With-
out provision being made to obtain an equal average temperature of the
twi sides of the shroud, the difference in radial growth would applv
hending moments to the blades and would result in the shroud twisting,
caasing excessive seal leakage. The analvsis necessarv in this area is
ot complete. The size and number of fins necessary to reduce the
thernogradient will be established in the final phase of this report.
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CRITICAL DIMENSIONS OF
SHROUD AND BLADE USED
IN STRESS ANALYSIS
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3.4.2 Disk Stress Analysis

The rotating disk carries the blades in a centrifugal force field
whale the disk is subjecied to radial and axial thermogradients and
external bending moments, The LV F turhine does not experience
extreme radial thermogradients; however. the sides of the disk and shroud
are used as seahime surfaces requiring the minimizdation of disk deflections
to assure proper running clearances between the seal and disk. The seals
apply bending moments to the disk and shroud. Also. bending moments
can he experienced from axial thermogradients if the thermogradients are
allowed to he extreme,

The disks reviewed for this application are: (1) the constant stress
disk. (2) the hvperbotic disk. (3) the conical disk with a hole, and (4) the
conical disk wathont a hole, These disks are all discussed in Reference
3.4.1, Lut a bewf explanation s as follows.

The disk of uniform strength is defined as one in which the radial
stress, Jv- . and the tangential stress, (g . are equal and have the same
value at all radii. This type disk has a thick hub and a thin rim. As a
result the cisk was not considered desirable in the LVFT concept hecause
of the hending moments ar the rim and the potentiial vibration problem at
the rim tecause of diamet-al me 'es. The hyperbolic disk. which has 4
thick bore and a thin mym could be designed to work in the LVFT application
and 1s simplest to analyze.

The comcal disk with a hr > is similar to the hyperbolic disk with
the exception that the rim is inherently thicker with conical sides being
less costly to machine. The hole, however, would require a mechanical
attachment 1o the shaft, such a3 a shrink fit. The disk design which has
a continuous counical section with no hole in the bore was selected for the
LVFT application because it retained the disk and the shaft centers co-
axial. Also. the disk does not depend on a shrink fit nor require the align-
ment of a Gleason spline cra through-bolt. The use of a conical disk
without a hole allows the shafts to be welded to the disk and machined
with accurate normality and concentricity to each other and the seal
rubbing surface.

The disk stress analvsis provides the tangential and radial stress
as well as the deflection as a function of radius. The average stress is
computed for evaluation of rupture.

3.39.3 Turbane Cusing

The LV F turbine onerating conditions are not extreme. This
Jlows the desn procedures to follow standard steam turbine design
nractice. TH rotore . the casing desien is based on ASME pressure code
vecommie wiatons  where apphicable. and in addition materials and
fabnieation toepragues are chosen for their economy and reliability.
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Where the turbine design is unique is the close running clearances
hetween the seal face and disk, the exact normality relationship between
the integral shaft and disk, and the required r - allelism between the disk
and the seal face. These features ar? more critical to the LVFT's func-
tion than in normal steam turbine design.

The casing includes ribs that reduce deflection and provide addi-
tional support stiffness. The casing is designed in an axially symmetric
manner, providing the necessary normality between the walls that define
the running clearance between seal and disk. The casing can he assembled

conveniently, aligned. and shimmed. obtaining the required clearance in
the critical areas.

The temperature of the inlet side of the casing is generally higher
than the exit side. This could cause distortions of the casing because of
the difference in radial thermal growth. In order to reduce this tempera-
ture difference to an acceptable level. water cooling will be added in the
area of the inlet side helow the lower seal. the object being to obtain equal
radial expansion of inlet and exit casing. The final ihermal investigation
and design is to be determined later in the final analysis.

The ribs and symmetric design of the casing provide a structure
that is not expected to distort from the predicted thermogradient of
Section €.2.5. The local skin temperatures in the hot gas areas, such as
the inlet nozzles, are not expected to distort the casing hecause they are
only applied in a local area.

. e . 0 .
The design condition was selected as 140 psi and 430 F, the maxi-

mum inlet pressure and temper ature experienced in the system., The

casing does not oper ate at this pressure 1n nor mal circumstances, but

could mnadvertently approach this value if the exhaust became restricted
or the seals failed.
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3.5 MECHANICAL DESIGN

The LVF turbine is designed to provide a reliable test unit with
predictable aerodynamic characteristics and sufficient structural stability
{ that critical clearances can be held with confidence This goal is obtained
using standard commercial hardware, when available, and commercial
material and fabrication techriques. The preliminary design is shown in

the included drawing entitiled "LVF Turbine'". The aero/thermal, heat
[ transfer, vibration and stress considerations in the design have been
discussed in Sections 3.0 and 6. 0 of this report

[ Franklin Institute Research Laboratories (FIRL) was subcontracted
to design the three controlled-leakage seals and to specify the design
criteria for the journal and thrust bearings necessary lo provide the
stability and alignment required for the successful operation of the pro-
posed controlled-leakage seals. The preliminary design of the controlled-
leakage seals and bearing design criteria is submitted in compjiance
with the subcontract agree ments and is presented in Sections 3.5.1,

3.5.2 and 3.5.3 of this report.

Section 3. 5.1describes the analysis and design of steam-lubricated
seals investigated for the LVFT test unit. The seals are subjected to sur-
face speeds of approximately 75,000 fpm and up to 100 psi pressure differ-
ential. Proper performance of the seals is vital to overall turbine per-
formance. A sectored fluid-film seal that uses a hydrostatic steam
secondary seal was found to be the best configuration. A rolling diaphragm

j secondary seal arrangement was also considered premising ior low tem-
perature stages.

. In addition to the seal analysis and design, FIRL sized the water
lubricated journal and thrust bearings for support of the turbine rotor.

? Tilting pad bearings were selected for both radial and axial support of the

rotor. They were selected because of proven performance and anti-whirl

characteristics.

The thrust load on the thrusi bearing is established by the radial
position of the third seal and the pressure distribution under the seals.
[ The thrust must be controlled to a specific value without reversal.

] 3.5 1 Discussicn ot Comml_lf‘d_l_@gkag_(= §§e._3_l

l A fluid-film seal consisting of individual circumferential
sectors offered the best compromise ot accomplishing an effective seal

j and simultaneously accommodating casing ‘o 1otor misalignment and dy-

nantic motions of the rotor. Thermal distortions are also minimized
with the sectored configuration
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Because fluid film: stiffness on an individuat sector is low, it is
necessary that the secondary seal arrangemen' be nearly frictionless and
be capable of compensating for force and momernt unbalance

The preferred secondary seal concep! consists of supporting the
individual sectors by hydrostatis bearings  Each sector is pre-load<d by
the high pressure fluid against a steam lubricated hydrostatic hearing
The hydrostatic bearing film thickness can be adjusted tc very sma’l values
by proper flow control Thus, leakage is minimized and stifiness ¢an be
made very large while simultaneously accomphishing the necessary friction-
iess support. By utilizing steam (at ambient temnerdture) as the hydro-
static fluid the sector is in nearly perfect thermal equilibrium. The sec-
tors are held fogether by a soft garter spring, whi: h does not inhibit re-
lative axial motion of the sectors with respect to one another

The primary drawback with using steam as the hydrostatic fluid
for the secondary seal is that the required supply pressure (upstream of
the restriction) will be greater than the turbine inlet pressure. Thus, a
scparate source of pressurized steam is required The tlow however, is
very small so that total losses to the steam cycle would probably not be
significant It is also possible to use water as the hydrostatic lubricant,
but then thermal complications are introduced, because to maintain the
water in the liquid sfate it must enter at a much lower temperature than
the ambient steam

Dynamic analysis determined that a 15 degree secter with a hvaro-
static primary face contiguration would operate with a runout of . 007 TIR
without difficulty. The limit of runout was not esiablished. A 30 degree
sector will 1t follow collar nutations. It is possibie that a hydrodynamic
profile on a 15 degree sector could operate, but this has not been ana-
lytically determined.

Tilting- Pad bearings were selected for both radial and axial
support of the rotor. They were chosen because of prover performance
and anti-whir] characteristics

The primary accomplishment of the FIRL Program was to screen
both primary and secondary seal candidates, 1nd establish a basic config-
uration that shows exc¢ollent promise  To get to this stage required a
considerable effort, and woi1k remains in tinalizaing the design and es-
tablishing performance over the complete operating range  The ready
availability of the basic configuration aud analytical tools will allow final
design to be expeditiously completed
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Performance Summary of Typical Seal (Seal 1¢

film thickness, =1 mil

gap film thickness = 1 mil

axial Joad, Wy = 99.5 Ibs/secror
primary leakage = 0369 lbs/sec {total}
gap leakage - 0 €081 1bs/sec (10'al)
friction horsepower = 2 75 HP total

film stifiness = 17,000 lbs/in. /sector
sealed fluid pressure = 95 psia

ambient pressure = 2 psia

shaft speed = 12, 000 rpm

secondary film thickness + 0.0002 in
secondary load = 387 lbs ‘sector
secondary leakage = 0020 Ibs/sec (total)
secondary supply pressure = 250 psia
secondary stitfness - 103,000 1bs/in /sector

3.5.1.1 Choice of Sectored Concept

The fluid- hilm seal employing hydiostatic or hydrodynamic inter-
face geometries are finding acceptance in a variety of applications  Al-
though the state of the a1t is very recent, much of the fundamentals are
contained in well founded lubrication theory, and the advantages of the fluid
film are very obvious. The¢y can contain leakage and iriction loss to very
small and sometimes negligible values and the tluid film prevents rubbing
contact, so that theoretically, infinite life is projected. The basic prin-
ciple differs from that of an ordinary face seal in that the fluid film has
positive stiffness. Closure of the film will increase tluid film capacity,
while opening of the film will cause & reduction in load capacity. Then,
seal rings of properly proportioned mass and inertia can track motions
of the rotating member, so that the iiuid film is always interposed between
the opposed surfaces.

For the turbine application proper seal tracking is of prime
importance since the large diameter high speed rotor, supported on fluid
film bearings, could have relatively large excursions trom the perfectly
aligned system. Inorder to insure in-phase following of the rotor, sec-
tored seals were selected because of their superior tracking capability

3.5.1.2 Problem Areas

There are two major probiems concern..:: with the sectored seal
These are:

(1) to determine mass. inertia, and tluid tilm charac -
teristics so that the seal will accomplish its primary
mis<ion of following the runner with a thin iilm be-
tween the opposed surtaces
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(2) to determine a sector support means tha!' will allow
free and independent movement of the sectors, while
simultaneosly mdintaining initial alignment.

Problem 1 is complicated by the non-linear and time dependent
characteristics of the primary fluid film Computerized analysis that
couples the governing gas lubrication equation with the dynamics of the sys-
tem is the only aceurate method available Application ot this technique to
a variety of configurations established those that would prove acceptable in
service.

The second problem (2 above) arises hecause the steam film in-
terface has limited stifiness and to insure mobility, the sectors must be
supported in a practically frictionless manner In addition, thermal dis-
tortions of the sector must no! be so great so as to deleteriously influence
the primary film geometry, which will be . 001 inch or less in magnitude
The use of a steam hydrostatic bearing as the secondary seal could best
meet the requirements of frictionless support and thermal equilibrium.

A problem with many hydrostatic gas-bearings is a phenomenon
known as pneumatic hammer It is a violen! chattering ol the opposed sur-
faces, and results from the compressibility of the {luid introducing out-of -
phase responses. To aveid pneumatic hammer, it is necessary to resort
to very shallow recesses, or else eliminate recesses altogether and feed
directly into the film. The restrictor then becomes the curtain area sur-
rounding the recess, with depth equal 1o the tilm thickness, The restrictor
area changes with the film thickness in a manner tha! helps reduce com-
pressibility effects. As the film reduces, inlet {low is reduced, and as
the film increases, inlet flow is increased. Actually, the analytical model
described above is somewhat simplistic; the entrance effects accompanying
external flow into a boundary layer can become very complex and it has
been only very recently that some true picture of the problem has been
evolved. The situation has really not been properly handled in bearing
theory, and some emperical development is usually required when apply-
ing inherently compensated hydrostatic bearings.

Another problem area remaining, with the hydrostatic secondary
seal, is start-up. If the pre-load is applied prior to erergizing the hydro-
static secondary seal, there is a strong possibility that the hydrostatic
bearing will not lift At start-up the high-pressure only acts at the inlet
holes, and a heavy closing load will not pe1mit the steam to escape through-
out the bearing area. The high pressure thioughout the relatively small
arca of the inlet holes will not provide tie necessarv balancing force. To
overcome this problem, it will probably be necessary to energize the second-
ary seals prior to allowing turhine inlet steam to enter.

The hydrostatic geometry ot the primary seal will not have any
hydrodynamic capacity Thus, 1t pressure 15 lost while rotating, tlud
stifiness will be lost and there will be danger of contact.  The solution to
this problem lies in providing material combinations that can . cept
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momentary light-load, high speed rubs, or by installing an added hydro-
dynamic profile that will react at tight films

3.5 1.3 Interface Geometries Cansidered

The ideal geometry for the interface is the one that provides
optimum stiffness at the operating condition. A number of configurations
were examined including hydrostatic, hydrodynamic, and hybrid which is
a combination of hydrodynamic and hydrostatic  The sector size, radii
and pressure were fixed and performance evaluated as a function of the
intertace geometry. Figure 3.5.1 shows the various sector tace configur-

ations and operating conditic ns analytically examined. Figures 3.5.2, 3.5.3,

and 3. 5.4 show steady state performance as a function of film thickness.
Based or. a compromise of stiffness (slope of load is film thickness curve,
Figure 3 5.2), leakage and friction horsepower loss, the orifice fed hydro-
static sectored seal is favored The hydrostatic seal was the original
selection and further studies were made to establish more detailed perform-
ance. Comprehensive performance of the hydrostatic seal was developed
including the etfects of angular tilts about the central axes. The studies
proved that:

(a) Fluid film stitfness is adequate to insure sector
motion.

(b) Angular tilts of the seal collar will reduce or in-
crease loading on the individual sectors, sufficiently
large to allow compensatory axial movements of
the sector.

Dynamic studies indicated that the hydrostatic seal would accu-
rately track motions of the collar if the sector size was limited to 15
degrees. The results of these studies are discussed in Section 6 5.1 3.

The reason for the superior performance of the hydrostatic seal
can best be explained by examining the pressure distribution across the
face. For the step configuration, high pressure acts across the step with-
out significant pressure drop. Closure of the step does not materially in-
crease the step pressure with the result that stifiness is small. A face
seal, which merely incorporates a plain flat surface has zero stiffness.
The piessure distribution for this configuration is shown on Figure .. 5. 5.
A properly designed oriiice compensated seal will have a pressure dis-
tribution lying somewhere between the flat plate and step seal The
pressure at the orifice can approach the high pressure when the clearance
18 sealed,
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SEAL SECTOR FACE CONFIGURATIONS

~2- SIDE-FED STEP
WITH ORIFICES

4- SIDE-FED STEP
WITHOUT ORIFICES

5-ORIFICE-FED
WITHOUT STEPS A

L

L= 3>

L 6 -CIRCUMFERENTIAL
Py STEP

07777
-————

I-SIDE-FED STEP,
LARGE POCKETS

3-SHROUDED STEP

P, = 95 PSIA

pL = 12.6 PSIA

R Py I =11.75 IN,
rL = [1.CO IN
6p = I5°

FIGURE 3.9
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SECTORED SEAL CONFIGURATIONS

LOAD VS FILM THICKNESS
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SECTORED SEAL CONFIGURATIONS

HORSEPOWER LOSS VS.
FILM  THICKNESS
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PRESSURE DISTRIBUTION  ACROSS
SEAL AT SECTOR MIDDLE
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FIGURE 3.5.5
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3.5.1.3.1 Hydrostatic

The preferred secondary seal consists of a steam hydrostatic
bearing as shown on Sheet 5 of Section 10.0. It contains many small, shallow
recesses interspersea throughout the bearing area. The individual recesses
are fed through orifice restrictors to provide the necessary stitiness for the
hydrostati. secondary seal. The high pressure side ot the seal provides a
strong pre-load that forces the sectors against the hydrostatic bearings. A
garter spring also provides some pre-load and holds the sectors in position.
An axial spring insures closure of the sectors at standstill, and prevents
seal opening in the absence of hydraulic pressures. Since the circumferen-
tial area subjected to the high pressure is greater than the available area
for the hydrostatic secondary seal, the average pressure in the secondary
seal must be greater than the high pressure of the sealed {luid. Also, a
pressure drop is required across the orifice restrictors to provide stiffness
in the hydrostatic film. Thus, the supply pressure (upstream of the orifice)
must be considerably greater than the pressure of the fluid being contained.
In the normal operating condition, it was determined that this pressure must
be greater than the turbine inlet pressure, and thus an auxiliary source of
steam supply would be required.

The concept of employing a noncaptured, but pre-loaded hydro-
static bearing permits operating with very tight clearances, without the
necessity to machine to tight tolerances, or be overly concerned about the
effects of thermal expansions of the component members. The film thick-
ness is self adjusting to load and inlet flow, and also can be externally
adjusted by varying supply pressure. The hydrostatic film is extremely
stiff and will not permit significant misalignment of the sectors due to
force and moment unbalance.

3.5.1.3.2 Rolling Diaphragm
The basic configuration is shown on Figure 3. 5. 6.

L shaped sectors of 30° increments are held in place by non-
interrupted rubber diaphragms that permit relative motion between adja-
cent sectors. The rolling diaphragms automatically compensate for sector
movements that tend to upset the originally designed torce and moment
balance applied to the sector. For exaniple, a radial movement of a sec-
tor causes the diaphragms to locally roll so that the area contained within
the diaphragm in the displacement direction increases, while the opposite
side decreases. A net restoring force is then applied to the sector. The
same is true with respect to pitch movements (pitch axis normal to cross-
section shown on Figure 3. 5. 6) and moments. A loose fitting guide pin
also helps contain the sector and limits motions primarily to the axial
direction.

The rolling diaphragm configuration was very seriously con-
sidered as a prime candidate, but the ability ot the Viton rubber to with-
stand a 450° F steam environment was questionable. External cooling
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ROLL ING DIAPHRAGM SEAL
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could be provided but this would unduly complicate the overall system, and
destroy a prime advantage of simplicity of the original arrangement. It
could still be applied to seals when the temperature levels are not excessive.

3.5.2 Journal Bearings

The journal bearings are the three-shoe. pivoted-pad type, with
the top shoe spring-loaded to accommodate ther mal and centrifugal
expansion of the shaft. The 1,200 1b pre-load provides an adequate
stiffness in all directions at the operating position, The pre-load is
provided by a cylindrical piston which applies a pre-load gradually
until the maximum Joad 1s obtained when the machine attains speed.

In conjunction with the pre-load cylinder, a mcaitoring pickup 1s
instalied in the bearing housing for measuring the movement of the cylinder,
This measuremert provides a continuous i1ndication of the lubrication film
thickness. The measurement is made with a Bently-Nevada pickup install-
ed on the cylinder cap.

The journal bearing was analyzed on the basis of laminar theory
and corrected for turbulence using information in the literature, Turbu-
lent corrections were also made using FIRL's computer program. There
is ample safety margin with respect to load capacity, and turbulence
will further improve the load capacity.

3.5.3 Thrust Bearing

The thrust bearing is the pivoted-pad type. It is a completely
captured bearing with eight pads on each bearing surface. No turbulent
corrections were made to the thrust bearing load capacity because it
was difficult to find reliable information. There is on ample safety
margin with respect to load capacity and turbulence will further improve
load capacity.

3.5.4 ’I‘hru§t Load Balan_cg

The LVFT design has three seals that exert forces on the disk, in
addition to the force caused by the pressure differential across the blades
and disk. These forces are balanced to within 50 to 400 pounds over the
operating range of the machine. This thrust load established the capacity
of the thrust bearing and 1insures against thrust reversal. The required
balance and positioning of the third seal 1s based on the pressure distri-
bution under the controlled-leakage seal face. The pressure distribution
information was provided by FIRL and is discussed in Section 3. 5. 1,

3.5.5 Steam Wct_npss_

The design point exhaust condition for the LVF turbine was
chosen to allow a small amount ot steam wetness at the cxit of the turbine
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rotor. The wetness, caused by an isentropic expansion, was reported in
Section 5.0 as 2.5 per cent and the actual wetness at the turbine exit,
including frictional effects, was calculated to be 0, 73 per cent, This wet-
ness could cause severe operational difficulties if it were to contact the
sealing surface on the turbine exit. Analysis of the steam flow in the
area of the rear seal was performed to evaluate the possibility of such

an occurrence,
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4.0 INVESTIGATION

1.

1.

Prior to this preliminary design phase, Barber-Nichols Engineering
Company conducted a performance study program of this turbine concept.
This study evaluated the performance potential for the LV F turbine and
compared it to conventional or existing turbine performance values. This
effort was performed under Contract No. DAAKQ-2-67-C-0364 and the
results are presented in detail in the final 1eport, "Low Volumetric Flow
Turbine Performance Prediction and Analysis', AD No. 831635L. The
foilowing conclusions were reached as a result of this study and are
reiterated here for convenience.

The turbine concept using conventional labyrinth seals as
shown in the LVFT patent disclosures does produce high
efficiencies under high volumetric flow (high specific speed),
but does not provide efficiencies higher than conventional
turbines in the low volumetric flow regime (low specific
speed) because of high leakage losses through the labyrinth
Seals.

The high efficiencies predicted for the LVFT concept in
the high volumetric flow range can be extended to the low
volumetric flow range by replacing the labyrinth seals
with gas bearing type seals. The use of this controlled
clearance type of seal will greatly reduce the bypass leak-
age which is the major reason whv performance falls off
at the low volumetric flows.

The tasks investigated under the current preliminary design effort
are outlined as follows:

Parametric analysis of the steam inlet, exhaust, and
power level of the turbine was performed in order to
select the design conditions that would provide a test
vehicle in the low volumetric flow range where the per-
formance improvement of this turbine concept over
conventional design should he apparent.

Pzrform preliminary evaluation of potential gas bearing
scal concepts, review efforts of other investigators and
sclect the most promising gas bearing seal design
configuration. Analysis was then performed in seal
concept to provide static and dynamic performance.

Design water lubricated bearing system to support
turbine rotor covering radial and thrust loads.

Perform detail aerodynamic and performance analysis
including detailed geometry of aerodvnamic passages.
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Perform thermal and stress analysis of complete
turbine structure.

Complete the preliminary design layout including
sections of critical components and areas needed to
fully clarify the design concept.

62
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5.0 DESIGN PARAMETEKS

This section presents the basic design criteria and parameters
upon which the design of the LVF turbine is based.

The aerodynamic design of the LV F turbine concept conforms to
the criteria as set forth in the RFQ DAAK02-69-Q-0072 issued by the
U. S. Army Engineer Reactors Groug, Fort Belvoir, Virginia, in July,
1968. Barber-Nichols Engineering Company responded successfully to
this RFQ after completing 4 preliminary design study of this low volu-
metric flow turbine design as presented in the report of Reference 5.0. 1.

Two approaches to the design of the '"Low Volumetric Flow Turbine
were considered. The first approach is a single stage turbine using
the design concepts described in the LVFT report. (Reference 5.0.1)
The second approach considered was a two stage turbine, the first
stage design based on the LVFT concept and the second stage a conven-
tioral full admission axial turbire. The selected design is presented in
the design section of this report,

The reason two design approaches were considered results from the
total head drop available when expanding the steam from the conditions
specified in RFQ DAAKQ02-/9-Q-0072. If this expansion is taken in a
single stage, the rotor tip velocity required for optimum efficiency wiil
ke approximately 1,800 ft/sec. This is a high value and results in
highly stressed rotor parts due to centrifugal forces. However, itis
well within the art for the temperatures involved and can be accomplished.
Turhines have Peen designed that operate with tip velocities of 1,980 ft/
sec at inlet gas temperatures of approximately 1,900°F. On the other
hand, if a two stage machine is considered, where the head drop in each
stage is approximately one-half the overall, the resulting tip velocity is
on the order of 1,250 ft/sec which will result in much higher reliability
and longer life. Also, at 12,000 rpm, the specified operating speed,
the diameter of a two stage turhine will he 2.0 ft compared with 2.9 ft
for the single stage. The two stage turbine will possibly be lighter than
a single stage design because of the smaller diameter and lower stressed
rotors. Since efficient sealing of the rotor is »ssential to achieve the
desired efficiencies with the NPFO turbine concept, it should be noted
that the two stage approach offers significant advantages for sealing.
Because the diameters to be sealed are smualler, this results in smaller
leakage areas and less chance for distortion of the rotor seal geometry.

Both designs are based on the performance requirements specified
in RFQ DAAKO02-69-Q-0072. These requirements are-

Turkine inlet steam temperature = 430°F

Conderser pressure = 12.3 psia
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Turbine rotor speed, counterclockwise
when viewed from the shaft end = 12,000 rpm

Turbine net power output = 800 HP

The turbine iulet design point pressure was selected on the
basis of a Rankine cycle efficiency analysis. Several values of steam
superheat were evaluated at a constant steam tewnperature of 430°0F.
The purpose of this analysis is to show the eliects of turbine nozzle
exit steain quality on turbine efficiency. For each percent of con-
densed water at the nozzle exit, the turbine efficiency will be reduced
by approximately 1-1/2%. It is important, therefore, when selecting
the design point pressure that the expansion process does not enter
too far into the wet region thereby significantly reducing turbine
efficiency.

For a given inlet temperature, the amount of superheat cannot
be increased significantly by reducing turbine inlet pressure because
of the detrimental effects on overall cycle efficiency. To illustrate
this point, several inlet pressure levels were evaluated and cycle
efficiencies were calculated based on the effects of steam quality at
the nozzle exit (rotor inlet). Figure 5.0. 1 shows the results of this
analysis. The shaded portion of the curve shows the range of inlet
pressures which were investigated during the preliminary design
phase of the contract. The turbine design was optimized at a design
pressure level tc give the maximum turbine and cycle efficiency at
the design pressure and temperature while maintaining steam quality
levels consistent with long life from erosion considerations.

The two turbine design approaches examined during this study
effort a1 : based on the specific design point shuwn in Figure 5.0.1,
that is, an inlet pressure of 200 psia and an inlet temperature of
430°F, and 50°F of superheat.

Design Approach - 1

This design uses a single stage with partial admissioin. The
basic c¢oncept will be the same as described in Reference 5.0. 1.
The turbine tip diameter is 34 inches with an overall turbine length
of approximately six inches. The design uses three hydrostatic
seals, two at the rotor inlet and one at the rotor exit. Due to the
relatively high specific speed, Ng - 19.7, Figure 18 in Reference
5.0.1 shows that a larger seal clearance can be used without
degrading turbine performance to any great extent. This greater seal
clearance will still show improvement over a conventional partial
admission turbine and allow for reduced seal manufacturing toler-
ances. The effective seal clearance could be as large as .00429 in.
with a seal length of 0.25 in.
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The turbine disk is vented to the condenser pressure to mini-
mize disk friction losses by reducing the fluid density surrounding the
disk.

Figure 18 in Reference 5.0. 1 shows that a turbine efficiency of
82% can be expected for this design; however. correcting this efficiency
for the losses due to expansion into the wet steam region. an actual
efficiency at this design point is estimated to be 76%.

The tip speed of the turbine operating at 12.000 rpm is 1,790

ft/sec which is within the state of the art. but is on the high side. For
+his reason, a <taged turbine design is considered.

Design Approach - 2

A two stage turbine design was evaluated. The two stage design
will result in reduced tip speeds. simplified seal development due to
reduced seal circumference and possible weight reductions over the
single stage design.

The inlet design point for the two stage turbine is the same as
for the single stage design. The first stage design will be similar to
the single stage design discussed previously and will utilize the LVFT
concept. The second stage design is a conventional full admission
axial turbine because the higher specific speed of the second stage
(30 to 40) shows that there will be only a small advantage in increased
efficiency due to the LVFT concept. Conventional seals can be used
on the second stage which reduces development and production costs.

A significant reduction in tip speed and diameters is obtained
by the two stage design. The reduction in diameter lowers the tip
speeds to a level where blade stress problems are insignificant. The
table shown below gives the pertinent stage characteristics.

PRELIMINARY TWO STAGE DESIGN PERFORMANCE

Tip speed
Stage Ng /VZT Dia, in. ft sec Type
1 17.3 .81 23.6 1240 LVFT concept, par-
tial admission
2 32.4 .75 20.4 1070 Conventional, {ull
admission. axial
flow

——— e e e oe— —— = —— — o

The effective overall efficiency of the two stages is . 787.




sser wmes G (N N NEE DA GEE @GR R AR WS NS O EGEE S s e

67

Preliminary analvsis of the two stage turbine design point selec-
tion was hased on turbine wheel diameter, cyvcle efficiency. and exit
steam quality and stage pressure drop split.

Figure 5.0.2 shows cycle efficiency versus turbine inlet pressure
for three different pressure drop splits. The pressure drop split is
defined as the fraction of the total turbine pressure drop (Pjp1et -
Peoxhaust) taken in each stage. Figure 5.0.2 shows that cycle effi-
ciency levels off at about 220 psia and only a three point increase in
efficiency occurs when increasing inlet pressure from 100 to 220 psia.

Figure 5.0.3 shows the variation of turbine stage diameter with
inlet pressure. This curve is basedona U/C = .65 for Stage 1
and .48 for Stage 2 for optimum stage efﬁciency‘r) and a turbine speed of
12,000 rpm.

A major design criteria in the selection of the design point is
the degree of wetness in the stage exhaust steam. The hydrostatic
seals which will be used in Stage 1 of this design require dry steam as
the sealing mecium and condensation in this steam will cause serious
seal problems. Therefore, in selecting the inlet pressure and pressure
drop split, the wetness of the exhaust steam must be considered. For
a pressure drop split of one-half in Stage 1 and one-half in Stage 2, and
an inlet pressure of 140 psia, the exit steam will be in the superheat
region. Higher inlet pressures result in wetness Stage 1 exit steam,
Figure £.0.4 shows the first stage nozzle exhaust steam qualitv as a
function of inlet pressure.

In conclusion, the design point selection was based on consid-
eration of the cycle efficiency, turbine diameter, stage pressure drop
split and exhaust steam quality. Figure 5.0.5 shows the preliminary
thermodynamic and performance data for the design point based on 800
WP

The low specific speed (Ng = 22.4) of Stage 2 was the cause
of some concern of whether this stage could he full admission.
Investigation of the Stage 22nozz1e configuration showed that the nozzle
exit area would be 35.2 in“. resulting in a nozzle height of 0.475" for
a full admission stage. This nozzle height is considered to be reason-
able for ease of manufacture and it was concluded that a full admission
stage is practical.

A basic decision was made at the conclusion of the preliminary
two stage turbine analysis that all future investigations and design on
this program should be concentrated on Stage 1. The decision was
based on the fact that the major objective of this program is to prove
the validity and performance potential of the LV F turbine concept.
Little gain would be realized from the design of the second stage
conventional full admission turbine since no advancement in the state
of the ari is anticipated.
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FIGURE 5.0.5
DESIGN POINT SELECTION PARAMETERS
PARAMETER STAGE 1 STAGE 2
Inlet pressure, psia 140 76. 2
Exit pressure. psia 76.2 12.3
Inlet temperature, OF 430 330
Exit temperature, OF 330 205
Exhaust steam qualitv. % Superheated 91.5
for isentropic expansion
Stage efficiency corrected 81 69.. 8
for exhaust steam quality, %
Stage work, BTU/Ib 43 93
Turbine speed. rpm 12000 12000
Wheel pitch diameter, in. 20.2 23.6
Velocity ratio, U/C, 0.65 0.48
Specific speed. Ng 20.3 22.4
Turbine type LVFT Config. Full admission
axial flow
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A preliminary analysis on a single stuge turbine was made to
select the design point which would meet the following design criteria.

1. Turbine inlet temperature of 430°F maximum.
Speciiic speed of approximatelv 17 at 12,000 rpm.
No spec fic turbine inlet pressure.

Stage horsepower output approximately 450.

(52 B - R

No restrictions on stage exhaust pressure.

Another requirement considered in selecting the design condi-
tions is the quality of the steam in the turbine and particuiarly the
quality of the steam that feeds the hydrostatic seals. 1t is desirable
that this steam be superheated and contain no moisture. This is
important bec:uuse the hydrostaiic seals are actually a special type of
gas bearing. Gas hearing performance when operating on wet gaces
presents several unique problems. Therefore, it will be prudent to
choose a design condition that provides dry steam if possible. The
other consideratior is e "osion in the turkine passages as a result of
water droplet impingement. This problem arises when droplets strike
the leading edges of rotor or stator vanes. Moisture in the exhaust of
any one stage is not detrimental, with respect to erosion, to that
particular stage so the onlv concern is to maintain dry or nearly dry
steam entering the rotor of the LV F turbine.

Since dry steam or at least low moisture content in the exhaust
is a design goal, it was decided that the turbine inlet temperature
selected should be the maximum of 430°F. The turbine specific speed
was then selected to be 17.5 since this value is in the range where the
LV F turbine concept can provide a significant improvement in perform-
ance over conventional turbines and yet the seal clearance and other
parasitic losses are not as critical as when a lower specific speed is
selected.

Using a turbine inlet temperature of 430°F and a specific speed
of 17.5, output power, rotor tangential velocity and steam quality
were analyzed as a function of turoine inlet and exhaust pressure. The
results of this analysis are shown in Figures 5.0.6, 5.0.7, and 5.0. 8.
Figure 5.0.6 shows turbine output horsepower as a {unction of exhaust
pressure for different inlet pressures. Figure 5.0.7 shows tangential
velccity as a function of exhaust pressure for different inlet pressures.
A design tangential velocity of 1.250 ft sec was selected and appears
as the dashed line of Figures 5.0.6 and 5.0.8. This tangential velo-
citv of 1,250 it sec was selected on the basis of rotor stresses and
strair under operating conditions. 1t is important in the LV F tur-
bine concept that the hvdrostatic seals perform properly. This will
require that the sealing surface remain as true and flat as possible
at the operating speed of the rotor. therefore a low stress wheel
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is desirable. It is felt that the 1.250 {t/sec design meets this goal.

It can be seen in Figures 5.0.6 and 5.0.7 that if the 1,250 value is
lowered further, this increases the exhaust pressure for any given
inlet pressure which in turn lowers the output horsepower. Therefore,
the selected value of 1.250 ft/sec is felt to be the most desirahle
value.

Figure 5.0.8 shows moisture or wetness in the exhaust steam
as a function of exhaust pressure for several inlet pressures. The
dashed line represents the 1,250 ft/sec tangential velocity. At inlet
pressures up to 140 psia, the wetngss is approximately 3% or less for
the 1,250 ft/sec design and the moisture should not cause erosion
damage. This wetness must be kept awav from the one hydrostatic
seal on the exhaust side of the rotor. Provisions will be incorporated
in the design to ensure that the moisture does not come into contact
with this seal. The steam condition in the inlet side of the rotor is
superheated for all conditions along the dashed line so moisture in
these s«als or rotor vane erosion is not a problem.

The preliminarv Stage 1 turbine desian criteria selected at
140 psia inlet pressure and 1.250 ft/sec tangential velocity are
summarized helow-
Iniet temperature, T, = 430 °F

Inlet pressure, P, = 140 psia

Exhaust Pressure. Pexh = 50 psia

Design speed. N = 12 000 rpm
Tangential velocity, U = 1,250 ft/sec
Velocity ratio, U/CO = .60
Horsepower = 400 - 450

It should be noted that a turbine designed for this 140 psia inlet
pressure will be at design all along the dashed line of Figure 5.0.6
and 5.0.8.
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6.0 DESIGN

The prelimirary design of the LV F turbine test unit used for an
evaluvation of the performance of the controlled-leakage seals and aero-
dyvnamic passages of the LVFT concept is presented in detail in this
section. The equations necessary for the design analvsis are included
with justification substantiated by data where applicable. The preliminary
design effort included the design analvsis of the following areas-

1. Aero-thermodvnamic analvsis of the flow passages concerned
with energy trarsfer from working fluid to rotor.

2. Thermal analysis of rotor housing and seals required to
determine temperatire levels and gradients,

3. Dyramic analysis of rotor and vibiration analysis of disk and
blades required to define the dvnamic characteristics over
the intended operating speed.

4. Mechancal design of the rotor. bearings. seals and system
establishing proper loading and functional compatibility of
components,

The secaling objectives are satisfied by flnid film, positive stiffness
face seals that mawntain a fluid film between opposing members and
simultanncously inhitit leakage to an acceptable limit.

The preliminary lavout, entitled "LVF Turbine'". sheets one
through five . provide the preliminarv design and specifv the critical
dimensions and clearances.
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f.1 AERO-THERMODYNAMIC DESIGN ANALYSIS

A number of components which are critical in terms of the aero-
dvnamic operation of the LV F turbine were examined in detail to provide
optimum performance characteristics while maintaining a structurally
sound machine. Rotor and stator blade shapes were defined according to
established practices, and the turbine rotor was designed to vield optimum
performance while maintaining acceptable stress levels in the turbine
blades and shroud. This section will be: primdrilv concerned with those
factors affecting the aerodvnamic operation of the turhine. The mechanical
design and stress evaluation are covered in Sections 6.4 and 6.5.

6.1.1 Turbine Rotor Design

The maximum turbine efficiercy for a given set of inlet gas condi-
tions can be expressed as a function of the ratio of turbine tip speed, U,
to isentropic spouting velocitv. C_. The variation of turbhine efficiencv
with velocity ratio was examined in Section 3.1, and for the design condi-
tions the optimum turhine velocity ratio was 0.62. The value of this
parameter was reduced to 0.60 for the design poirt as the lower tip speed
results in a smaller turbine diameter, reducing the siress in the turbine
rotor. The turbine rotative speed was fixed by the design specification
at 12,000 rpm, and with the design velocity ratio of 0.60, the turbine
diameter was evaluated to be 24.0 inches.

The width of the turhine rotor was established by the width of the
turbine blade sections, plus a small toroidal section located on either side
of the rotor blades. This passage was included in the rotor design since
the flow issuing from the noszle blades has inherent small wakes behind
each stator vane due to the finite thickness of the stator trailing edge.

The toroidal section in front of the turbine rotor allows a mixing or
settling zone before the flow enters the rotor blades. The passage at the
rear of the rotor was included to balance the rotor, and does not influence
the aerodynamic operation of the turbine. The blade section width was
evaluated as indicated in the next section as 0.625 inch, and with a toroidal
section of 0. 125 inch on either side of the turbine rotor, the total rotor
width was established as 0. 875 inch.

6.1.2 Rotor Blade Design

The rotor blade channels were designed using an established
method of circular arcs and straicht line segments, leaving a well defined
throat at the rotor exit. This method allows the design of a smoothlv
convergent flow channel with no abrupt change in c¢ross sectional area
which would tend to add turbulence in the flow stream. The primarv
consideration in the blade design was to provide optimum performance
defined in terms of the blade velocity coefficient (_‘PN ). This parameter

is defined as the ratio of actual exit velocity to the isentropic expansion
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velocity, and is indicative of the operating efficiencv of the blade section.
The blade efficiency 1s usually specified in the literature as the square of
the klade velocity ceoefficient. A secondarv consideration mfluencing the
rotor klade design was the requirement of providing a thick enough rotor
trailing edge t. . (shown in the following sketeh) to support the large
rotor shroud.

Ca N et

The effect of the rotor trailing edge thickress on aerodvnamic blade
performance is covered in this section along with other factors influencing
tlade performarce . such as Blade aape et ratic and blade arcie,

The design mass flow rate (4.32 b so¢) tor the LVEF turbine was
estatlished by the required output horsepawer, the overall turbine effi-
ciency  and the availabde enerpy. or

v 55
\;J = ﬁf;.ﬁ:g— . Ibssec (6 1-1)
N, (Ha))

Turbine efficiencv was established as mdicated ' Section 3.1 and the out-
put power and available cnergy were specified in Section 5. The total
throat area in the turbine rotor required to set the desien operating pres-
sure through the turbine stage was ¢stablished using the above flow rate
and the isentropic gas densitv. The throat area determined in this manner
3.32 inz} is slightlv smaller than actuallv required, dae to nozzle friction
increasing the gas temperature and decreasing the pas density at the rotor
exit, This is desirahle since the throat area will necessarily be adjusted
after the machire is fabricated to provide the design degree of reaction in
the turbine, and the throat area can be easilv increased by honing the
blade throats. The design throat area reported herein is consequently 3
or 4 per cent less than that actuallv required. The total rotor throat
area 1S that area normal to the gas stream at the rotor exit. and is a
function of hlade angle. trailing edge thickness, total number of blades,
Plade height and turbire pitch diameter.

The rotor trailing edge thickness was required to be between
.030 and . 050 inch to provide adequate strength to sepport the rotor
shroud. Information ohtained from Reforence 6.1, 1 and shown in Figure
f.1.1 indicates that this requirement i1s detrimental to turbine perform-
ance; however the magnitude of this loss amounts to about one per cent
of the blade efficiencv. Consequently  althonch a lesser edge thickness
would be desirable it is not felt that this requirement will significantly
affect turbine performance.
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The optimum rotor blade heieht was estat lished using information
presented in Reference 6.1.2. In this report the optimum ratio of blade
height to rotor diameter was presented as a funetion of turbine specific
speed. For a specific speed of 17. appropridate to the I,V F turbine design,
the optimum blade height to diameter ratio was approximate!lv 0.01, which
for a turbine diameter of 24 inches vields a blade heipht of about 0.24 inch.
This value was taken as a4 minimum for the L VF turbine design.

Test data for a number of turhire hlade shapes was presented in
Reference 6.1.3 and these results formed the basis for the final blade design.
Of particular importance in this report was the blade aspect ratic, defined
as the blade height divided bv the minimum throat dimension. Tvpicallyv,
it is desirable to use the larvest practizal aspect ratio for a good hlade
design, assuming wall friction and edpe losses are small, and in any case
an aspect ratio of at least two is required to achieve good blade efficiency.

Since the trailing edge thickness, retor piteh diameter, and hlade
angle werefixedor optimized for the LV F turbine the minimum throat
dimension at the pitch lire was uniquelyv determined by the number of blades
used in the turbine rotor. The blade height was then fixed by the total
required throat area determined above. Ceonsequentlv, a greater aspect
ratio would require a larger number of roter blades, increasing the com-
plexitv and cost of the turbine rotor. The final blade numher chosen was
90 which was felt to be reasonable from a manufacturing standpoint.

The throat dimension was 0,129, the blade height 0,287, and the resulting
aspect ratio was 2.23. Noc¢zle veloeity coefficients presented for similar
noczles in Reference 6.3 tvpically excesd 096, and this value was used

in the dosign analvsis to provide a slichtlv conservative estimate of turbine
performance.

Another important design parameter discussed in Reference 6.1.1
was the design blade pitch to chord ratio. The blade pitch (s) was defined
as the circumferential blade spacing. and the blade chord (Cyp) the maxi-
mum blade length as shown in the above sketch., Optimum pitch to chord
ratios for blade designs with a blade exit angle of 127 ranged from 0. 62
reported bv Ainley and Mathieson (Reference 6.1.1) to 0.76 (Zweifel ,
Refercnce 6.1.4). to 1. 10 (Howell and Carter Reference 61.5). Since the
blade spacing was defined bv the number of rotor blades and the rotor
pitch diameter. the desien piich to chord ratio venerallv determines the
blade axial length (b). A design value of 0.75 was used for the LVFT
rotor blade design, resulting n a blade axual leneth of 0.625 inch.

The pitch line profile for the LVFT rotor blade 1s shown in

Figure 6.1.2. Noted in this design is the blunt Teading edge with an inlet
hlade anele of 909, Since the desien operating condition of this turbine

is with a Tow axial inlet cas velocity. the 909 blade angle allows incidence
free operation at the desien point. The bluntness of the leading edee
should minimize anv imcrdence loss occurring under off desion conditions.
Figure 6. 1.3 shows the cas stream velocity in terms of the isentropic
nuach number as a tunction of the developed teneth from the Blade inler.
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